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Abstract— This paper describes the mechanical design considerations for a 1 MW, 14 000 rpm motor which achieves a
specific power of at least 13 kW/kg. This is enabled through an
“ironless,” inside out, Halbach array permanent magnet, high
frequency, and airgap or slotless configuration. The “ironless”
design creates mechanical challenges because thin radial builds
which reduce weight also typically reduce structural stability and
vibrational damping. Structural deformation challenges include
radial expansion and static bending. Vibrational issues include
stator resonance mode excitation as well as rotor dynamic
resonance excitation. The mechanical challenges were studied with analytical calculations and high-fidelity finite-element
analysis. These analyses drove design refinements to mitigate
these challenges. The rotor has then been tested to verify these
analysis results.
Index Terms— Aircraft power systems, permanent magnet
motors, rotating machine mechanical factors, traction motors.
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I. I NTRODUCTION

ASA has identified the achievement of 13-kW/kg specific
power for megawatt class electric motors as a key milestone for the development of future hybrid-electric aircraft [1].
This has driven machine designers toward options that use
limited amounts of ferromagnetic steel, which traditionally
helps to carry magnetic flux, enhances the structural integrity
of machines both on the rotor and the stator, and helps minimize dynamic modes. Mechanical performance, both static and
dynamic, becomes crucial to obtain a robust design. This paper
discusses the key mechanical design aspects for the megawatt
scale high-frequency motor design initially presented in [2].
The proposed motor is shown in Fig. 1. The dimensions
and operating point have been optimized since [2]. Analysis
indicates that the machine will produce 1 MW of output power
but weigh only about 70 kg, resulting in a power density
of 14.1 kW/kg, which makes it very attractive compared to the
state of the art [3]. Key parameters are summarized in Table I.
To achieve 1 MW of power at reduced motor weight,
the proposed motor is designed to operate at high
speed (14 000 rpm). Thus, an outer rotor topology is selected
to allow sufficient retaining ring thickness without increasing
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Fig. 1.

Proposed machine for Aircraft Turbo-Electric Propulsion.
TABLE I
P ROPOSED M OTOR K EY P ERFORMANCE R ATINGS

the air-gap length and degrading electromagnetic performance.
The retaining ring also allows for a high tip speed, which is
crucial to high power density. To reduce the radial dimension
of the stator yoke, which reduces machine weight, a high
number of poles, 10 pole pairs, is adopted. To further reduce
the weight of the machine, the rotor yoke is eliminated by
employing Halbach arrays, which allow cancellation, on the
order of mT, of magnetic field on the outside while maintaining
an air-gap field of approximately 0.9 T. An airgap or slotless
winding topology eliminates stator teeth and enables highfrequency operation with Litz wire conductors [4].
The main mechanical design challenges for this high
power density design are structural deformation and vibration.
Section II describes the structural deformation. Section III
describes the vibrational analysis on both static and rotating
components. Section IV describes the experimental results
validating the structural deformation and vibration analyses.
II. D ESIGN FOR S TRUCTURAL D EFORMATION
The structural challenges presented here include radial
expansion of the rotor due to high speed and deflection of the
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Fig. 2.
ring.
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Half of rotor cross section showing forces on carbon fiber retaining

rotor under gravity. Analytical expressions are first derived
for efficient preliminary design of the structure. These are
followed by detailed finite-element analysis (FEA) to validate
the analytical models.
A. Radial Expansion and Retaining Ring Hoop Stress
Since the proposed motor is a radial flux inside out design,
the radial expansion will increase the airgap, which in turn
increases air-gap reluctance in the motor magnetic circuit.
To ensure motor electromagnetic performance and high power
density, it is necessary to understand the tradeoffs between the
key design parameters in the rotor structure.
Fig. 2 shows that force and stress in the retaining ring
occurs mainly in the hoop direction. Force increases as speed
increases, which causes elongation in the hoop direction. Hoop
expansion causes an increased circumference which is directly
proportional to diameter. Thus radial expansion is minimized
when hoop elongation is minimized.
The hoop stress in the retaining ring is a result of the
centrifugal force provided by the components beneath the ring
spinning at high speeds. This is illustrated in Fig. 2, which
shows the upper half of a circular cross section. The solid
area is the retaining ring; the area enclosed by dashed-lines
is the rest of the rotor components, which includes magnet
segments and rotor shell. By considering the force balance of
the free body diagram of the retaining ring the sum of forces
in the vertical direction must be zero.
The hoop force can be obtained by integrating the centrifugal force over 180°, which equals twice the hoop force in the
ring
!
"
v2
IR2 − (IR − δ)2
(1)
Fh = IR ρ L
IR
2

where v IR is the linear speed of the inner radius of the rotor,
IR is the rotor inner radius, ρ is the average density of the
titanium and magnets beneath the retaining ring, L is the axial
length, and δ is the average depth of the pieces beneath the
retaining ring.
The hoop stress is calculated by dividing the hoop force
by retaining the ring cross-sectional area. Hooke’s law is used
to obtain the ring extension #l and the radial expansion #r .
Note that the weight of the ring itself is neglected, for a first
approximation, due to the relatively low density of the carbon
fiber
v2 ρ
#l
= IR (IR2 − (IR − δ)2 ).
(2)
#r =
2π
2t E

Fig. 3.
Graphical comparison of rotor radial expansion calculation and
simulation results with proposed retaining ring thickness and varied rotational
speed.
TABLE II
ROTOR R ADIAL E XPANSION C ALCULATION AND S IMULATION
R ESULTS W ITH P ROPOSED R ETAINING R ING T HICKNESS
AND VARIED R OTATIONAL S PEED

The analytical prediction of the rotor expansion is compared
with the results from an FEA simulation in Table II and Fig. 3.
All FEA simulations were performed using “ANSYS Static
Structural”. A “fine” mesh was used for all simulations.
A rotor retaining ring thickness of 0.5 in is used for calculations and simulations. In the simulations, the magnets and resin
holding the magnets are modeled as a composite cylinder with
an equivalent Young’s Modulus to reduce computation time.
The glue and magnets do not act as a structural member in the
full machine. Thus using the composite structure is reasonable
when evaluating radial expansion.
As shown in Fig. 3, the theoretical calculation closely
approximates the simulated radial expansions at the outer
diameter of the rotor. One explanation for the difference
between the theoretical radial expansion and the inner diameter
expansion in the simulation is the effect of Poisson’s ratio,
with the rotor components becoming radially thinner as the
ring expands.
It can be observed that both the calculated results and the
simulation results at rotor OD have second-order polynomial
trend lines, indicating that the radial expansion is growing with
the square of the rotor rotational speed. Similarly, the effect
of rotor retaining ring thickness can also be investigated
using (2). Equation (2) shows that the rotor radial expansion
is proportional to the inverse of retaining ring thickness. The
calculations and the FEA simulation results, at the rated speed
of 14 000 rpm are compared in Table III and Fig. 4.
Unlike the speed variation cases, it can also be observed that
the errors between the calculation results and the simulation
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TABLE III
ROTOR R ADIAL E XPANSION C ALCULATION AND S IMULATION R ESULTS
W ITH VARIED R ETAINING R ING T HICKNESS AT 14 000 rpm

Fig. 5.

Equivalent moment relation diagram.

B. Bending

Fig. 4.
Graphical comparison of rotor radial expansion calculation and
simulation results with varied retaining ring thickness at 14 000 rpm.

results at rotor OD are not biased in a single direction. Even
though from (2), it seems that the expansion is proportional
to only the inverse of the retaining ring thickness, this is
not accurate because the actual hoop force in the ring is
also a function of thickness. The weight increase of the ring
itself will increase the total centrifugal force. This fact is
not captured in (1), where the hoop force is the result of
the centrifugal force of components below the ring only. The
retaining ring thickness of 0.5 in was found as a fair tradeoff
between decreased expansion and reduction in weight, and is
used in the final design.
Another method of reducing radial expansion is by increasing the Young’s modulus of the retaining ring. However, since
the Young’s modulus of the chosen IM-7/PEEK carbon fiber
composite is already high, 172.4 GPa, there are few other
choices for retaining ring material which could combine both
higher modulus and high strength-to-weight ratio.
The last parameter in (2) to reduce expansion is the diameter
of the retaining ring. The electromagnetics have been optimized with the mechanical design through an iterative process.
Since the magnetic loading and the electric loading have been
optimized, changing diameter is not a straightforward method
of reducing expansion while retaining power density.
It must be noted that the expansion of the rotor was included
in a combined electromagnetic and mechanical-coupled analysis. This analysis occurred to find the effect of rotor expansion
on the torque produced by the machine. Due to the toothless
geometry of the machine, the magnetic airgap includes not
only the mechanical airgap but also the copper winding area.
Because the magnetic airgap is so large, the increase of the
mechanical airgap has a relatively small effect on the torque
produced.

The external rotor with cantilevered support from one end
also introduces another structural challenge, bending due to
gravity when the motor is mounted horizontally. This can be
mitigated by mounting the rotor vertically, but this is likely
not an option for an electric aircraft. Fig. 5 shows the crosssectional view of the motor, where the active region of the
rotor is supported by an end plate at the drive end. The rotor
will deform even while not rotating, as the free end will sag
in the direction of gravity. Through FEA it was determined
that bending occurs mainly through the rotor end plate. This
may be modeled as a bending moment, calculated using the
following equation:
M = Fd = m tran gd

(3)

where F is the equivalent force as a result of the weight of
transverse section, m tran is the mass of transverse section, and
d is the distance of equivalent force to end plate center.
The deformation of end plate is analogous to a cantilevered
beam bending deformation. To understand what parameters
determine the bending deformation, the maximum deflection
of a cantilever beam is used [5]
f l3
.
(4)
3EI
The force f in the above beam bending equation is proportional to the weight of the rotor transverse section. Also,
the beam length l in the equation has a linear relationship with
the plate diameter. Even though the I in equation is the area
moment of inertia of a beam with constant cross section, it is
still informative if it is compared with the cross section of
the end plate, with D being the plate diameter, and t being
the plate thickness. For the end plate bending direction shown
in Fig. 5, the area moment of inertia for this cross section is
obtained in [6].
After substituting the expected force on end of the beam,
the mass of the transverse portion, along with other geometric
parameters into (4), the following relationship was found:
m tran g # D $3
FL3
m tran g D 2
2
= 2
∝
.
(5)
δmax ∝
3
3EI
Et 3
3E Dt
δmax =

12

From (5), it can be observed that increasing the end plate
thickness is an effective approach to reducing the static deflection because the deflection is inversely proportional to the
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TABLE IV
S TATOR R ESONANCE M ODES O BTAINED BY FEA S IMULATIONS

Fig. 6. Data trend line for rotor deflection with different end plate thickness.

cube of end plate thickness. To confirm this theory, structural
FEAs were performed for designs with different end plate
thicknesses, as shown in Fig. 6.
For a specific motor design, a quantitative numerical relationship between rotor static deflection and key geometric
parameters is still achievable using the FEA trial method. For
the proposed design, in this paper, the relationship between
static deflection and end plate thickness is obtained from the
data trend line of the FEA results, both in units of millimetre,
as shown in Fig. 6.
The optimal end plate thickness should be chosen as the
point near the knee of the curve in Fig. 6, because it effectively
restrained the rotor static deflection without using excessive
materials. The chosen rotor end plate thickness for the proposed motor design is 10.2 mm.
Other approaches to reduce the rotor static deflection can
also be observed from (5), such as using material with higher
elastic modulus for the rotor shell, reducing the mass of
the rotor transverse section, and reducing the rotor diameter.
Stiffeners, such as ribs were not used due to manufacturing
challenges and space constraints.
III. D ESIGN FOR DYNAMICS
During dynamic operation of an electric machine, there
are various vibrations caused by rotational or electromagnetic
forces with different force shapes, frequencies, and amplitudes.
In addition, everything has at least one resonant frequency.
When these vibrations intersect, it can cause fatigue failure
which decreases lifetime, sometimes to sudden failure [7]. This
is especially true for the thin radial builds of the proposed
motor, because unlike normal electric motors, it does not have
a thick steel back yoke to dampen vibration and reduce stress.
This section deals with the two major components of vibration
analysis, static and rotating.
A. Stator Resonance Mode
Stationary vibration analysis focuses on designing the stator
structure so that vibration source frequencies and resonant
frequencies do not intersect, while paying attention to motor
power density. First, vibrational sources are explored. Second,
the resonant modes are found. Finally, the interaction of these
modes is explored.

The possible sources of cyclic force in the stator that
result in vibration are explored in [7], [8], and [9]. For stator
vibration, there are four important sources. The first is cyclic
forces at twice the frequency of the motor electrical power
supply. Since the motor electrical frequency is the same as the
frequency of its rotating air-gap flux, the cyclic magnetic pull
force will always be present in an electric machine at twice
the electric frequency. This frequency occurs in the airgap, and
is a cylindrical sinusoidal force. The second is the rotational
frequency, where any mechanical modes will be excited. This
frequency is caused by a rotational force. The third is the
“tooth” harmonics, eliminated in this machine due to our
toothless design. Through the use of Halbach arrays, the flux
density in the airgap minimizes space harmonics, which is a
fourth source of vibrations. Thus, though four sources exist,
two have been eliminated through design.
After obtaining the excitation frequencies of potential
sources of cyclic force, the second step is to investigate
resonance modes. For a given stator geometry, resonant mode
shapes and frequencies can be calculated numerically. Both
steps are necessary to determine whether the designed motor
will experience resonant vibration. Resonant vibration only
occurs when both the frequency of the cyclic force is at or near
a resonant frequency and the cyclic force has a shape to deform
the structure to the particular mode shape of that resonant
frequency. Examples of mode shapes found through FEA and
their corresponding frequencies may be found in Table IV.
The modes shapes were obtained through an FEA analysis
of the stator with the geometry in Fig. 7. The analysis was
designed to find all the resonance modes of the structure up
to a frequency of 20 000 Hz. However, only the mode shapes
with radial nodes patterns were summarized in Table IV. Other
mode shapes, such as those with warping deformation along
the axial length or with torsional deformation, were not shown

CHEN et al.: MECHANICAL DESIGN CONSIDERATIONS

859

Fig. 7.
Stator for modal analysis, isometric view (left) and section
view (right).

here, because they could not be excited by the sources of cyclic
force. In the results, the mode index number corresponds to
the number of nodes of the radial patterns.
For machine design, the resonant modes of a structure are
usually obtained through an FEA modal analysis. However, for
the purpose of interdisciplinary optimization, it is necessary to
analytically express the resonant frequency of a given mode
shape, so that the tradeoffs between design parameters can be
used to achieve the ultimate goal of a high power density motor
design. This analytical model is obtained in a method similar
to that presented in [7], in which the motor is essentially
“unrolled” into a beam.
After approximating the unrolled beam structure as a simply
supported beam with a fixed–fixed end condition, the natural
frequency of the stator can be calculated using the equation for
the fundamental frequency of a beam [10]. By using results
from both [7] and [10], the resonant frequency of the stator for
a selected mode shape can be analytically obtained as follows:
!
"%
EI
2M 2 22.373
(6)
f = 3
π
D2
ρ
where E is the material elastic modulus, I is the area moment
of inertia of the beam cross section, ρ is the linear density of
the stator, and D is the length of the beam. It was observed that
both the simulation results and the theoretical calculations have
second-order polynomial trend lines. There are discrepancies
between the analytical and FEA analysis, so any design must
be validated by FEA. These discrepancies come from the oversimplified approximation of the complicated stator structure
using a simple beam model.
To address concerns about resonant vibrations, it is necessary to determine whether the sources of cyclic force in
the motor will coincide with structural resonance modes. The
vibrations at the fundamental rotor rotational frequency can
quickly be excluded from the risks of resonance vibration due
to the low frequency. For the proposed design, the highest
speed of normal operation is 14 000 rpm, which gives a
frequency of 233.33 Hz. The frequency of the lowest resonance mode, the two-node mode, from either the theoretical
calculation (709 Hz) or the FEA simulation (1364 Hz) is much
higher than the rotor rotational frequency.
The main concern is the vibration source at twice the line
frequency. This is the electromagnetic force experienced by the
stator every time a pole passes by. This excitation force has
a frequency of 4667 Hz, which is relatively high compared
with that of the normal four-pole or eight-pole motors with
lower operational speed. However, even though the frequency

Fig. 8.

Cross section of the simplified rotor structure.

of this electromagnetic excitation force increases with the
number of motor poles, the risk of resonant vibration does
not necessarily increase. The resonance mode shape for a
20-pole motor should have radial pattern of 20 nodes. As can
be seen in Table IV, the resonance mode with the 10-nodes
pattern already has a resonant frequency of about 11 352 Hz,
well above that of the twice electrical frequency. The expected
resonant frequency for the 20-nodes mode, which is about
36 256 Hz, will be much higher than the pole passing
frequency.
It is reasonable to suspect potential vibration that can excite
resonance modes with the integer factor of 20-nodes, which
in this case are 2-, 4-, 5-, and 10-node modes. Among them,
only the 2-, 4-, and 5-node modes fall below the rated 4667 Hz
twice line frequency. This is a concern as these modes could be
excited during ramp up and down from the rated speed. Thus,
the twice electrical frequency should not dwell at the modal
frequencies corresponding to the 2-, 4-, and 5-node modes.
This can be achieved by ramping up the machine quickly.
B. Rotordynamics
Similar to concerns for instability in the stator during
dynamic operation, the rotor is also subject to vibration
issues. The rotordynamics are especially important due to the
high operating and tip speeds. First, analytical relationships
are found to understand the relationships between the key
parameters of the system. Second, a numerical FEA is used
for the detailed design of bearing stiffness and for full analysis
of the rotordynamics.
In order to do analytical analysis, the complex nonlinear
models of rotordynamic systems are frequently simplified.
Common simplification methods include consideration of a
symmetrical rigid rotor [12] or a Jeffcott rotor [13]. The simplification used in this section will follow [11], where detailed
derivations were done while considering the gyroscopic effect.
The analytical expressions below will demonstrate the dependence of modal frequencies of the system on the geometry
and rotating speed. Also, the gyroscopic effect can increase
or decrease the modal frequencies, as a function of the rotor
speed.
The proposed rotor design can be considered as the simplified geometry, as shown in Fig. 8. Section I is the rotor shaft
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on which the bearings sit. Section II consists of three layers of
materials—the carbon fiber retaining ring, titanium rotor shell,
and the magnets. Section III is the rotor end plate, which is a
cylindrical structure. The material densities of both Section I
and Section III are the density of titanium ρt . The density
of Section II is the composite density with the weighted
average of the three materials densities ρc . Therefore, the polar
moment of inertia and the transverse moment of inertia of the
rotor structure can be calculated using the parallel axis theorem
by adding the moment of inertia of each section.
For polar moment of inertia, since the three sections are
rotating about the same axis, the total polar moment of inertia
of the rotor is simply the sum of all sections about their center
of mass. The polar moment of inertia for Sections I and II can
be calculated as hollow cylinders and for Section III as a solid
cylinder. The moment of inertia equations for the two sections
about their center of mass are presented in [14].
As for transverse moment of inertia, since the bearings are
sitting on both ends of Section I, the transverse moment of
inertia of the whole rotor is calculated about the axis perpendicular to paper at the (L 1 /2) location of Section I. Therefore,
the parallel axis theorem is applied for Sections II and III.
The total transverse moment of inertia is calculated similarly
using [14].
An important characteristic of the rotor in this section is
the ratio of the polar to the transverse moment of inertia,
P. Generally, this ratio will be large if the rotor has large
diameter but short axially. If the rotor is designed to be
small in diameter but long in axially, the ratio will be small
and closer to zero. It is crucial that this ratio be outside of
the 0.8 to 1.2 range [15]. The proposed design has a ratio
about 1.2. Since the ratio is greater than unity, the gyroscopic
effect will contribute apparent stiffness to the rotor system.
This raises forward whirling mode frequencies [16].
The dynamics of a rotating system is actually the interaction
between the rotor inertial force and the stiffness/damping
forces generated by the lateral deformation of the shaft. This
is expressed in the equations of motion of the system [11].
For simplification, both bearings are assumed to have the same
stiffness, and the center of mass of the whole rotor is assumed
to be in the middle of Section I. Thus, the solution to the
characteristic equations of the above differential equation will
have similar forms as presented in [11].
The cylindrical mode natural frequency, corresponding to
the rotor translational or parallel motion, is found to be
ωn = ±

&

2k
m

(7)

where k is the radial stiffness of the bearing and m is the mass
of the rotor.
The conical mode natural frequency is obtained from
the solution of the characteristic equations corresponding to
the angular dynamics of the rotor. These dynamics include the
effect of gyroscopic moment acting on the rotor, which will
affect the mode natural frequency as a function of rotor speed.
In order to find these rotating frequencies, the conical mode
natural frequency is obtained for a stationary rotor. This is

shown below where Itot is the transverse moment of inertia
%
k L 21
(8)
ωn0 =
2Itot
when the rotor is rotating, the conical mode natural frequency
is shown as below. The plus and minus signs correspond to
the forward and backward modes, respectively, and ω is the
rotational speed
%
"
!
Pω 2
Pω
2 .
+ ωn0
(9)
ωn = −
±
2
2
First, from (7)–(9), it can be observed that by increasing
the stiffness of the system, the resonance mode frequency can
be increased. For both cylindrical mode and conical mode,
the natural frequency is proportional to the square root of
the bearing stiffness. The bearing stiffness is proportional to
a factor of the applied preload, which in turn is generally
proportional to the size of the bearing and its type. In general,
there is a tradeoff between the size or stiffness of bearing
and the rotational speed. As the size increases, and thus the
stiffness, the rotational speed decreases. Thus, for the rotor
design, bearings should be chosen first with a rated speed
higher than the rotor-rated speed and with enough stiffness
to raise the natural frequencies out of dangerous levels.
To analyze the bearings with more fidelity an FEA solver
using 1-D beam elements, XLRotor, is used. Four modes were
observed below 50 000 cpm, three conical and one cylindrical.
The bearing stiffness, k was varied, and the following natural
frequency map at 14 000 rpm was found (Fig. 9).
The results indicate that by increasing the bearing radial
stiffness, the natural frequencies of all resonant modes
increase. It is also observed that the natural frequencies of
modes 2 and 3 are sensitive to the change of bearing stiffness at
low values, as the curves are steep in the beginning, but flatten
out later. Since mode 3 is close to a cylindrical mode, its trend
line has a power close to 0.5, which coincides with (7). Using
a power-type trend line for other modes does not give good
approximations. This is expected because, after plugging (8)
into (9), the natural frequency of the nonzero speeds conical
mode is not proportional to the square root of bearing stiffness
for conical modes.
From (8) and (9), it can also be observed that the structure
moment of inertia plays a role in the natural frequency of conical modes. Equation (8) indicates that the natural frequency
of zero-speed conical modes increases as the rotor transverse
moment of inertia Itot decreases. Equation (9) shows that the
increase of the moment of inertia ratio P can increase the
nonzero speed conical mode frequency. Therefore, in order to
increase the conical mode natural frequency, the rotor polar
to transverse moment of inertia ratio needs to increase. Thus
rotordynamics improve with a larger diameter and shorter axial
length. However, this conclusion is counter-intuitive when
considering the design to maximize stator resonant frequencies away from forcing frequencies, because (6) implies that
smaller diameter designs can increase the resonant frequencies
for stator modes with radial patterns. Therefore, the selected
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Rotor natural frequencies at different bearing system stiffness.

Fig. 11.

Test setup.

Fig. 12.

Expansion results.

Fig. 10. Campbell diagram of rotor-dynamic system in the proposed design.

design balances the tradeoff between the stator resonant vibration performance and the rotordynamic performance.
The Campbell diagram generated by XLRotor is shown
in Fig. 10. For speed ramp-up to the rated speed of 14 000 rpm,
the designed rotor will only encounter one vibration mode,
mode 1. Since mode 1 is a backward whirling mode, indicated
by its natural frequency decreasing as rotor speed increases,
it will not cause serious vibration problems as long as the
motor moves past that speed without staying near that speed.
Also most high performance machines operate above their
first resonance mode [11]. The rotor will not encounter the
next mode, until a speed of 16 500 rpm. Thus, it has a speed
margin, the margin between the forcing frequency and the
modal frequency, greater than 15%, a common practice in
industrial applications [11].
IV. E XPERIMENTAL R ESULTS
A full size prototype rotor has been built to demonstrate
the soundness of the design and to validate the analysis methods presented in this paper. The testing occurred
at Test Devices Inc. The displacement of the rotor was
measured through the use of proximity probes placed
where the stator typically resides. The test setup is shown
in Fig. 11.
First, a proof test was performed up to the rated speed of
15 000 rpm. This proof test confirmed that the rotor will not fly
apart at speed. Expansion results were then obtained, and are
shown in Fig. 12. The maximum theoretical expansion closely

correlates with the measured expansion. However, at the probe,
the difference in expansion is as great as 12.3%. This is likely
due to not fully capturing the properties of either the carbon
fiber or glue. This will be taken into account in building the
full machine.
Another XLRotor file has been created based on the experimental setup shown above. The test setup results indicate that
there could be critical frequencies at 150, 1200, 2300, and
12 880 rpm. These results are very different from those shown
in Fig. 10. Though these results are different, a verification of
the test rotordynamic model can be taken as a verification of
the machine rotordynamic model.
The vibration data of the rotor was captured for the proof
test. This occurred through a proximity probe mounted near
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Rotordynamics results.

the top of the rotor. The results of this test may be found
in Fig. 13. The amplitude of vibration is plotted as the
rotor-ramped up and down. Through looking at the amplitude
as the rotor speed increases, the natural frequencies are excited
at 2000 and 12 500 rpm. The 12 500-rpm frequency does
not affect the amplitude very much, but is present. The
percent error between these measured frequencies and the
expected natural frequency is 13% and 3% for the top two
theoretical frequencies, respectively. This error is likely due
to the 3-D nature of the fan and associated holes, which are
difficult to analyze in XLRotor. These results are reasonable
for frequency spectrum analysis and corroborate the analyses
done previously.
V. C ONCLUSION
The proposed motor design with rated output power of
1 MW and rated speed of 14 000 RPM has potential to
reach a power density as high as 14.4 kW/kg. To maximize
motor power density, the motor needs to have a structure
that will efficiently use materials to provide a structurally
sound design. A permanent magnet-type motor with an inside
out configuration was chosen because of the advantages of
high peak efficiency and potential power density compared to
other motor types. Because, until now there are relatively few
mature motor designs using the inside out configuration for
such high power level applications, the mechanical design of
the proposed motor needs to be studied in a cross-functional
manner. Since the motor weight reduction was important in
this research, the effect of structural parameters to the motor
mechanical performance was studied here.
The high rotor rotational speeds and unconventional inside
out configuration cause motor structural deformation at steadystate operation and introduce challenges for motor structural
design to achieve desired performance. Major challenges
include the rotor radial expansion due to the centrifugal effect
of a rotating rotor and the rotor static deflection due to the
effect of gravity, both of which are optimized for least amount
of deformation.

The proposed motor design was also subject to vibrational
issues during dynamic operation. These challenges are due
to high-frequency harmonics present in the motor and the
relatively thin radial builds compared to ground application
machines. The motor vibration was analyzed in the two
main components independently. The vibration analysis for
stationary components emphasized the stator resonance modes.
For rotor system dynamics, the mode frequency could be
increased with the system stiffness.
This paper shows that designing high-specific-power electric
machines causes mechanical challenges due to the low weight
and high speed. These structural deformation challenges, radial
expansion and bending were analyzed and radial expansion
are experimentally validated. The vibrational issues for both
stator and rotor were analyzed and a rotordynamic model
was validated. This paper shows that through fully understanding the mechanical issues, they can be mitigated through
appropriate material and dimensional selection and tradeoffs.
Future work includes a rotodynamic setup which utilizes the
specified bearing system, stator experimental validation, and
full machine validation.
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